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ABSTRACT 

 

Air compressors are significant energy users in nearly every industrial facility.  Air 

compressors have become a primary focus of industrial energy audits because they are vital for 

production processes but are very energy inefficient machines.  Industrial energy auditors often 

perform a detailed energy analysis on a compressed air system using logged amperage data from 

the air compressors in the system.  Most of the current air compressor simulation tools use 

logged power data to perform simulation according to an electrical analysis.  These tools perform 

their analysis based on averaged power draws taken from the logged amperage data.  The airflow 

demands of a compressed air system are then calculated based on the general shape of the 

performance profile.  This static analysis of a compressed air systemôs operation invariably 

prompts an inquisitive auditor to dynamically model a compressed air system. 

While the current compressed air software tools are useful for modeling systems with an 

electrical analysis, a potential exists to develop a modeling tool with a sound physics and 

thermodynamics based approach.  This thesis responds to the need for a transient thermodynamic 

compressed air system model.  The central focus of the resulting investigation is the generation 

of a comprehensive compressed air model to be used in analyzing recorded airflow supply data 

from a rotary screw air compressor operating under three different capacity control methods.  

The rotary screw compressor is chosen as a focus of this work because of its dominance in the 

industrial air compressor market.  System responses will be tracked for verification of the 

compressed air model.  Several compressed air system examples will be evaluated to reflect 

compressor operation under adequate and inadequate storage.  The main objective of this report 

is to: educate the reader on the performance of current rotary screw compressors, describe the 

generation of a transient thermodynamic compressed air model, analyze several different 
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compressed air systems, and evaluate these compressed air systems through quantitative and 

qualitative comparisons. 
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1. INTRODUCTION 

 

1.1 Motivation  

 

 Industrial air compressors are significant energy consuming pieces of equipment in 

nearly every manufacturing facility.  The Department of Energy estimates that compressed air 

systems account for 10% of all electricity and roughly 16% of all motor system energy use in 

United States manufacturing industries (Department of Energy Energy Efficiency and 

Renewable Energy Industrial Technologies Program [DOEEERE], 2003).  The United States 

Industrial Electric Motor Systems Market Opportunities Assessment estimated that compressed 

air system energy use in the typical manufacturing facility could be reduced by 17% through 

measures with simple paybacks of 3 years or less (Department of Energy Office of Industrial 

Technolgies [DOEOIT], 2001).  The Department of Energy Compressed Air Market Assessment 

also determined that, ñIn addition to energy benefits, optimization of compressed air systems 

frequently results in corresponding improvements in system reliability, product quality, and 

overall productivityò (DOEOIT, 2001).  Therefore, efficient air compressor design and operation 

remains on the forefront of the energy saving frontier.  

 

Initiatives in the recent past to model compressed air system behavior have been very 

successful.  Computer modeling, especially, provides several advantages for evaluation and 

optimization of air compressor performance.  The ability to perform detailed mathematical 

analyses with rapid calculation time offers evaluators the opportunity to consider current 

operating conditions and to investigate alternative system operating parameters with relative ease 

and quickness.  Because these calculations can be performed with relative ease and basic 
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engineering knowledge, a user-friendly software modeling tool provides much more effective 

and comprehensive results than previous rather rudimentary analyses.  One example is the 

AIRMaster
+
 software tool, which was designed under the Department of Energy Industrial 

Technologies Program to assist end users in the improvement of the performance of their 

compressed air systems (Department of Energy Industrial Technologies Program [DOEITP], 

2008).  Simulation of positive displacement and some aerodynamic compressors is available 

within this software.  The AIRMaster
+
 software model is employed to model airflow and 

associated electrical demands as seen by the supply side of the compressed air system.  However, 

the end users of the AIRMaster
+
 compressed air software may experience a void if looking to 

observe system behavior as a dynamic representation of system pressure in response to air supply 

and demand.  The AIRMaster
+
 software utility  does not evolve beyond the snapshot operating 

conditions of hourly-averaged data.  This quasi-steady analysis is often not detailed enough to 

usefully observe the operations of an industrial air compressor. 

 

Other compressed air analyses, such as Stosic, Smith, & Kovacevicôs Screw 

Compressors: Mathematical Modelling and Performance Calculation, have utilized state of the 

art computational fluid dynamic (CFD) models.  These models mainly simulate the working 

process of an air compressor, such as the behavior and physics of the machine geometry and 

fluids within the air compressor equipment.  Although these simulations do model transient 

behavior of the air compression process, these CFD analyses do not employ the simulation of a 

compressed air system as a whole.  Additionally, these models are based so inherently in 

theoretical analysis methods, that valuable simulation time is lost in extraneous detail of the finer 

engineering design components of the air compressor machine. 
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A method for a simple and effective compressed air system simulation model is therefore 

an invaluable piece to the energy efficiency puzzle that so captivates the industrial energy sector 

of the country.  A simple tool that could model the energy usage for observed data as well as the 

transient responses of the compressor and the system would be practical for evaluating energy 

efficient modes of operation.  This tool, utilizing simple field data through testing with basic 

equipment, would then provide the informational resources for improvements in compressed air 

system operation from a demand side perspective. 

1.2 Selection of Rotary Screw Compressor 

 

Compressors are used in a wide variety of industrial settings including pneumatic tools, 

pneumatic transport, blast furnaces, paint spraying, and many different chemical and industrial 

processes.  Rotary screw compressors are by far the most common type of positive displacement 

industrial compressor.  More appropriately, the twin rotary screw compressor is the most 

commonly used compressor for industrial applications.  One reason that compressors are so 

ubiquitous is that nearly every manufacturing plant requires compressed air for some type of 

process within the facility.  In the past 30 years, the twin screw air compressor has taken an ever 

increasing share of this industrial air compressor market because of increasing efficiency (Stosic, 

Smith, & Kovacevic, 2005).   

 

For these reasons, the twin rotary screw compressorôs physical and thermodynamic 

operation is the sole initiative in the design of this compressed air system modeling tool.  Their 

mode of operation has been developed for a wide variety of applications, and they are available 

in a large range of sizes (OôNeill, 1993).  Additionally, the construction of the twin rotary screw 
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is simple.  Only two parts of the machine, a pair of meshing rotors, move to compress the gas 

enclosed in the grooves of the rotors.  Because the geometry of the twin rotors in the machine is 

rather complex, the details of this geometry will be addressed minimally in the compressed air 

model.   

 

The twin rotary screw air compressor is commonly used because of its reliable 

construction and efficient operation.  The physics and thermodynamics of the twin rotary screw 

air compression process are a long established science.  The selection of the twin rotary screw air 

compressor ultimately facilitates the analysis needed for a broad range of compressed air 

modeling.  Consequently, much of the compressed air model applies equally to positive 

displacement machines, in general. 

 

1.3 Objectives 

 

The main objective of this thesis is the development of a compressed air system simulator 

to model the physical and transient behavior of compressed air gas within the significant 

components of a compressed air system using essential compressor performance parameters.  

The ability to model field-observed system data is unique to the desired outputs of the 

simulation.  The useful outputs of the simulation allow for determination of a compressed air 

systemôs energy usage and performance delivery, both based on compressed air system capacity 

requirements.  The next three sections describe the driving forces behind the main objective of 

this study, the creation of a comprehensive compressed air system model.  
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1.3.1 Physics and Thermodynamically Based Model 

 

At times, the goal of producing a soundly based physical and thermodynamic model 

seems directly contradictory with the desire to use basic data to compute the desired outputs of 

the compressed air system model.  Even Stosic et al. (2005) emphasize that ñrotary screw 

compressor performance is governed by the interactive effects of thermodynamic and fluid flow 

processes and the machine geometry and thus can be calculated reliably only by their 

simultaneous consideration.ò  However, Stosicôs goal differs greatly from the goal of this work.  

While many existing screw compressor models derive complex mathematical relationships for 

performance calculation, all of these models are heavily based in experimental design evaluation.  

Therefore, they cannot be simulated without obtaining special information on design geometry 

such as lobe cross-sectional areas, clearance gaps, friction factors, resistance coefficients, etc.   

 

The goal of this study remains to evaluate a real air compressor and its performance in 

the field.  However, many of the parameters necessary for performance calculations of complex 

mathematical models are simply unobtainable in a realistic general energy auditing scenario.  

When sufficient compressor design information is available, it is obviously in the auditorôs best 

interest to utilize a complex mathematical model for enhanced results.  For the design of this 

model, paramount engineering judgment and fitting assumptions were employed so that only 

significant parameters are required to obtain useful desired solutions.  This goal also mimics the 

desire for a speedy and effective tool. 
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1.3.2 Basic Nameplate Data 

 

As is well known, all air compressors are manufactured with a nameplate for collecting 

important information such as model and serial numbers, rated flow, rated discharge pressures, 

and motor power.  While some of this data is presented on the nameplate for documentation 

purposes, much of the provided information describes the design parameters of the physical 

operation of the air compressor machine.  These rated design conditions explicitly inform 

industrial personnel of the maximum design operation of the air compressor.  Therefore, 

industrial personnel are able to utilize the nameplate data of each air compressor to assess the 

systemôs maximum performance characteristics, particularly the compressorôs ability to supply a 

sufficient volume of compressed air.  Because the nameplate data is limited in nature, a 

sophisticated analysis of sufficient versus insufficient compressed air supply scenario cannot 

simply be performed.  However, the nameplate data as well as data of the complete compressed 

air system does provide sufficient information to usefully analyze compressed air system 

behavior. 

 

In the design of this compressed air model, every effort was made to allow for input of 

relevant nameplate data to complete a thorough analysis of the air compressor power 

requirements and the corresponding air supply and demand classification.  Obviously, the most 

detailed compressor design information allows for a complete evaluation of the thermodynamic 

and physical behavior of the compressed air system.  However, this information is not readily 

available except to the air compressor designers themselves.  The intent of this model was to 

create a detailed but useful analysis of a compressed air system that relies on basic nameplate 

information and observed field data to perform its computations.  
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1.3.3 Useful Outputs 

 

Several useful outputs are desired from the transient fluid and thermodynamic 

compressed air model.  With basic data, the compressed air model uses four equations to provide 

an air compressor power calculation, compressed air supply, compressor operation, and 

compressed air system pressure.  These outputs allow a person with a general knowledge of 

compressed air to assess air compressor short-cycling, energy and power saving operational 

changes, and the effects of four different capacity control methods. 

 

The useful outputs allow basic plant personnel, with the right data, to complete a 

thorough analysis of a compressed air system for operational knowledge purposes as well as 

maintenance and energy saving purposes.  Reduction of compressed air leaks, reduction of air 

compressor discharge pressure, and increase of compressed air storage capacity are several 

possible uses of the compressed air model.  

1.4 Organization of the Thesis 

 

This thesis is divided into six chapters.  Chapter 2 gives an overview of previous 

literature written about the performance of rotary screw air compressors and derived 

mathematical models for these compressors.  Chapter 3 details the derivation of several 

compressed air modules for use in the compressed air modeling system.  The input of these 

modules into the software modeling tool, Microsoft Excel, is described in Chapter 4.  Chapter 5 

describes the results and predictions by the model.  Finally, Chapter 6 provides a conclusion to 

the thesis with recommendations for future work. 
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2. REVIEW OF LITERATURE 

 

2.1 Introduction to Literature Review 

 

Despite the dominant usage of the rotary screw compressor as a versatile industrial air 

compressor, the complexity of the internal geometry as well as the non-steady nature of the 

processes within them has prohibited complex analytical analyses until recently (Stosic et al., 

2005).  While some literature on compressor and piping simulation exists, it most commonly 

pertains to the simulation or modeling of piston-cylinder type (reciprocating) compressors.  

Additionally, the literature that has been published on the rotary screw compressor has first been 

presented in languages other than English, making it difficult for research continuity.  The 

review of literature in this chapter provides a compilation of rotary screw compressor 

background, theory of operation, and calculation methodology. 

 

2.2 Rotary Screw Compressor 

 

Screw compressors are one of many types of compressors, all of which are used for 

different applications.  There are two main families of air compressors, positive-displacement 

and dynamic (aerodynamic), named according to their principle of operation.  The figure on the 

following page shows a collection of commercially available compressors.  The centrifugal and 

axial compressors are related by their dynamic operation, whereas the reciprocating and rotary 

compressors are related by their positive-displacement operation.  Positive displacement 

compressors are so named because these types of compressors draw a fixed volume of gas and 

subsequently compress it by reducing the confined volume.  The two sub categories of the 

reciprocating machine pertain to whether the piston is single acting or double acting.  The five 
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different sub categories of the rotary machine pertain to the mode of rotation of the rotary 

machine as well as the many different built in design features that are available on a rotary 

compressor.  The focus of this thesis concerns the rotary screw or helical-lobe machine.     

 
 

Figure 1. Compressed air family tree. (DOEEERE,2003). 

 

 

Although the idea for a screw compressor was first theorized as early as 1878 by 

Heinrich Krigar of Hannover, the first useful screw compressor did not come about until  the 

early 1930s (Arbon, 1994).  The screw compressor was eventually patented by a Swedish 

engineer, Alfred Lysholm, under collaboration with James Howden & Comapany of Glasgow, 

Scotland.  Lysholmôs company was eventually renamed Svenska Rotor Maskiner AB (SRM).  

SRM now provides license for manufacture of most screw compressors for industry (Arbon, 

1994).   

 

Screw compressors remain a common type of air compressor for several reasons.  Firstly, 

there is a limited number of moving parts, mainly a pair of meshing rotors.  Additionally, their 
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relatively high rotational speeds make them attractive.  This is because of their compactness, 

ability to maintain high efficiencies over a wide range of operating pressures and flow rates, and 

their long service life and high reliability (Stosic et al., 2005).  The figure below demonstrates 

the head versus volume flow rate relationship for several different kinds of compressors.  The 

rotary screw operation range falls in between the operating range of the reciprocating and axial 

type compressors, where a fairly constant volume flow rate can be supplied at a wide range of 

pressure ratios.  

 
Figure 2. Compressor head versus flow rate. (Cheremisinoff & Cheremisinoff, 1992). 

 

As was mentioned earlier, the focus of this thesis is the rotary screw compressor.  

Although a single screw compressor does exist, the majority of the industrial gas compressor 

market revolves around the twin rotary screw compressor.  The twin rotary screw compressors 

are so named because they contain two intermeshing rotors, both in the shape of a threaded 
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screw.  These two single units are usually controlled by a single driver, most commonly an 

electric motor (Hanlon, 2001).  The figure belows shows the screw geometry and airflow path 

through the compressor screws.   

 

Figure 3. Screw compressor geometry. (ASHRAE, 1992). 

 

The two rotors are termed ñmaleò and ñfemaleò to differentiate the driver rotor (male) and the 

reacting meshed rotor (female).  In the first stage of compression, a small volume of gas is taken 

in at the inlet port where a gap exists between the casing and both rotors.  As rotation occurs, the 

space between the rotors and the casing seals off after disengaging from the inlet port.  The 

screw compartments are progressively reduced on the working axis to the discharge port.  As the 

gas is continually forced through smaller and smaller compartments, the volume is reduced while 

the pressure increases.  The mode of operation of the rotary twin screw compressor is established 

through volumetric changes in three dimensions distinguishing it from that of the piston-cylinder 
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device, which uses only two dimension to achieve the compression.  At the end of rotation, the 

opposite ends of the rotors pass the gas through a discharge port where the gas is delivered at the 

desired discharge pressure.  Rotation of the rotors means that a fresh volume of gas is being 

drawn into the meshed screw compartments continually.  Stosic et al. (2005) note that, ñThe 

whole process is repeated between successive pairs of lobes to create a continuous but pulsating 

flow of gas from low to high pressure.ò 

 

In Peter A. OôNeillôs Industrial Compressors (1993), much detail is provided to describe 

the differences between the two types of screw compressors: 

It is important to note that there are two very different types of 

screw compressor, the oil free or dry type and the oil injected or 

wet type.  The characteristics and designs of each are so different 

that they are, in effect, entirely different compressors.   

 

He goes on to say that since they both use the exact same principle of operation, an absolute 

description of each would require a repetition of the discussion of these principles.  The next two 

sections briefly describe some of the main differences in the oil-free and oil-flooded rotary screw 

compressors.  The focus of this thesis remains to be the physical and thermodynamic behavior of 

the oil-flooded twin rotary screw air compressor. 

 

2.2.1 Dry Rotary Screw Compressor 

 

Dry rotary screw compressors, also known as oil-free screw compressors, are so named 

because the gas undergoing compression does not come into contact with any lubricant.  Dry 

rotary screw compressors are utilized in industries where compressed air with absolutely no oil 

contamination is required.  Typical industries utilizing dry rotary screw compressors are 
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pharmaceuticals, high-purity chemicals, brewing, and food processing (Bloch, 2006).  Dry rotary 

screw compressors therefore require unique design in order to serve such specific applications. 

 

According to OôNeill (1993), ñéthe bearings, gears, etc. are lubricated in the normal 

way but the lubricated components are isolated from the gas handling areas in the compressor.ò  

The clearances on the rotating compressor parts must be larger as a result, since contact between 

the moving parts at such high speeds would cause severe heating and wear.  OôNeill also tells 

that ñIn order to ensure that non-contacting operation is achieved the rotors are fitted with 

precision timing gears and located axially by thrust bearings.ò  The result of a dry compression 

compartment is that very high temperatures are achieved during the compression process.  For 

this reason, all oil-free screw compressors are designed to operate at very high discharge 

temperatures.  Discharge temperatures around 240-250°C (464-482°F) occur if a cooling jacket 

is used.  If a cooling jacket is not used, discharge temperatures around 200°C (392°F) are 

expected (OôNeill, 1993).  As a result of obtaining higher discharge temperatures, the oil-free 

screw compressors are limited in their ability to provide high compression ratios. 

 

Some consequences of operating an oil-free screw compressor are the lack of capacity 

control options, poor low speed performance due to larger clearances and the resulting leak back 

through the rotor and casing, and high noise levels.  Also of concern with back leakage flow is an 

increasing discharge temperature under low speed operation.  Oil-free rotary screw compressors 

require significant add-on costs for essential components that handle the lubricating oil.  An 

external heat exchanger is required to cool the lubricating oil.  Stosic et al. (2005) tell that ñThe 

oil-free machine requires an oil tank, filters, and a pump to return the oil to the bearings and 
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timing gear.ò  These components increase the total cost of the oil-free machine, so much so that 

the oil-flooded compressor is more economical than the oil-free compressor.  Many air 

compressor manufacturers now offer these add-ons as part of a package.  All of these essential 

components are included in one package machine where they are housed inside of the 

compressor package cabinet.  Like the oil-free rotary screw compressor, the oil-flooded rotary 

screw compressor often comes packaged as a single unit and is described in more detail next. 

 

2.2.2 Flooded Rotary Screw Compressor 

 

Oil-flooded rotary screw compressors, also known as ñwetò rotary screw compressors, 

are significantly more common industrial rotary screw compressors than the oil-free type.  Many 

industries have little to no concern over contamination by small concentrations of oil in the 

compressed air.  The advantages of injecting oil along with the gas undergoing compression are 

many and therefore the characteristics of compression are completely changed.  According to 

OôNeill (1993), ñOil injected screw compressors are so called because oil is injected into the gas 

being compressed, is discharged from the compressor in a mixture with the gas, and is then 

removed from the gas before it leaves the compressor set.ò  OôNeill (1993) also points out that 

the addition of oil ñéincreases the pressure and pressure ratio capabilities, simplifies the 

compressor design, allows the incorporation of variable capacity control for certain applications, 

provides virtually total temperature control and reduces compressor speeds and noise levels.ò  

So, although oil-flooded screw compressors operate in exactly the same way as the oil-free screw 

compressors, they are considered to be a completely different type of compressor.   

 



 

15 

 

In an oil-flooded screw compressor, oil serves to lubricate the machine, cool the machine 

components and gas being compressed, and seal the rotors and the casing.  Because the oil cools 

the gas during compression, the heat absorbed by the oil greatly affects the performance 

calculation of the oil-flooded rotary screw compressor.  For example, OôNeill (1993) calculates 

the absorbed power of the ñwetò compression process to be  

 oopoggpgabs dTcmdTcmP ## +=  (2.1) 

where om# is the mass flow of the oil, 
opc is the specific heat of the oil, and dTo is the oil 

temperature difference (1993).  The ñdryò screw compressor absorbed power is calculated by the 

first part of this equation, which concerns only the temperature rise of the gas being compressed.  

Throughout the ñwetò rotary screw compression process, the oil never changes out of the liquid 

phase, so the cooling capacity of the oil is much greater than that of the gas (OôNeill, 1993).  

OôNeill (1993) confirms that ñThe injection of the oil gives complete control of discharge 

temperature independent of operating pressure ratio, thus allowing the selection of the 

compressor operating range to be based on compressor efficiency and not on allowable discharge 

temperatures.ò  As a result, typical compression discharge temperatures are about 100°C 

(212°F). 

 

Oil-flooded screw compressors serve a wide range of applications, particularly in industrial 

processes.  Because the oil injected machine circulates so much oil, the oil must be separated 

after the compression process.  Unlike the oil-free machine, the oil-flooded machine requires a 

separator to split up the high temperature oil from the high pressure discharge gas.  Instead of 

using a pump to return the oil to the injection port, the oil-flooded machine uses the pressure 

difference from the suction and discharge to transport the oil.  The other add-on components are 
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similar to the oil-free screw compressor such as an external heat exchanger, a filter, and an oil 

tank.  Again, the additional costs for these components are greater for the oil-free machine than 

the oil-flooded machine (Stosic et al., 2005).  The cutaway image below shows a typical air 

compressor package with included add-ons built inside the compressor cabinet.  Other 

advantages of the oil-flooded rotary screw compressor pertain to the wide array of capacity 

control methods.  Capacity control methods include suction throttling (modulation), on-off, load-

unload, or dual control.  Dual control is a combination of the suction throttling and the load-

unload capacity control.  Each of the compressor control methods are discussed in more detail 

later.  Lastly, the oil in the compression chamber helps to diminish the noise produced during 

compression.  

 

 

Figure 4. Diagram of oil-flooded rotary screw compressor and components. ("Oil Flooded 

Rotary," 2010). 
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2.2.3 Compressor Terms 

 

Construction of a detailed compressed air system model requires thorough understanding 

of key terminology regarding the air compressor itself.  Much of this key terminology relates to 

parameters or concepts that define the performance of an air compressor machine.  Perhaps the 

three most important compressor terms are the theoretical compression work, isentropic 

compression work, isentropic efficiency, and volumetric efficiency.  These terms are explained 

throughout the rest of this section. 

 

With the known pressure-temperature-volume relationships of gas compression, basic 

thermodynamic equations can be used to derive the theoretical work for air compression.  The 

theoretical work required to compress a gas is governed by the isentropic work to perform this 

process divided by the isentropic efficiency.  The formula for the theoretical compression work 

can be seen below 

 is

s
o

w
w

h
=

 (2.2)  

where wo is the theoretical work, ws is the isentropic work, and ɖis is the isentropic efficiency of 

the gas compression process.  The isentropic work for an ideal gas can be written in terms of 

either the enthalpy of the gas or the specific heat times the temperature change of the gas   

 ( )1212 TTchhw spss -=-=  (2.3) 

where h1 is the enthalpy of the gas at the initial state of compression, h2s is the enthalpy of the 

gas at the final state of compression, and cp is the specific heat of the gas in a constant pressure 

process.  Generally, the variation of specific heats with temperature is smooth and may be 

approximated as linear over small (several hundred degrees or less) temperature intervals.  If 
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equation (2.3) above is substituted into equation (2.2), the following equation for isentropic 

compression work is established: 
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Because the constant pressure specific heat cp can be calculated in terms of the specific gas 

constant R and the specific heat ratio k as seen below,  
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the formula for isentropic work can also be written as seen here 
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To calculate the theoretical work for this process, the isentropic work is divided by the isentropic 

efficiency as previously presented in equation (2.2) yielding the following equation. 
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The calculation for the theoretical power input to the compression machine depends on the mass 

flow rate of the gas being compressed.  The mass flow rate is multiplied times the theoretical 

work of the isentropic process to get the following formula 
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where m#is the mass flow rate of the gas being compressed and Wo is the theoretical power input.  

Evaluation of the mass flow rate through the compressor presents a challenging phenomenon that 

warrants a thorough analysis and is discussed later in this section. 

 

The isentropic efficiency of an air compressor also depends on many factors.  As OôNeill 

(1993) emphasizes, ñThe term ócompression efficiencyô is sometimes used as a general method 

of describing the effectiveness of a compressor, but this term is inexact in that it does not define 

the reference theoretically ideal process.ò  For this research, the reference theoretical ideal 

process is that defined by equation (2.8).  OôNeill (1993) states that ñThe isentropic efficiency is 

the ratio of the isentropic power for the mass of gas delivered to the user over the actual power 

absorbed by the compressor.ò  Therefore, isentropic efficiency is defined as follows. 

      o

k

k

p

is
W

p

p
Tcm

ö
ö
ö

÷

õ

æ
æ
æ

ç

å

-ö
ö
÷

õ
æ
æ
ç

å

=

-

1

1

1

2

1
#

h

            (2.9) 

 

Because of the rotary screw compressorôs sophisticated rotor geometry, determining the 

mass flow rate of the gas being supplied through the compression stage can be a tedious 

undertaking.  In order to evaluate the mass flow through a particular rotary screw machine, 

specifics to rotor geometry such as wrap angles, length to diameter ratios, interlobe clearances, 

and blow hole areas must all be known (Sangfors, 1982).  If the exact rotor geometry is known, 

the actual volume which is drawn in during the rotor suction process, known as the swept 

volume, can be calculated.  Bloch (2006) demonstrates that one revolution of the main helical 

rotor transmits one unit volume of gas, qo, in units of cubic feet per revolution.  Then, the 
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theoretical volume flow, Qo, can be calculated in units of cubic feet per minute for a compressor 

running at n revolutions per minute, so that  

 oo nqQ =
 (2.10) 

 

The area for leakages back through the rotors must be determined to evaluate the total or 

resulting mass flow rate seen through the compression stage.  Volumetric efficiency is the 

common parameter used to evaluate the performance of an air compressor in relation to these 

leakage paths.  According to OôNeill (1993), ñA definition of volumetric efficiency is the ratio of 

the volume actually delivered by the compressor compared to the swept volume (also known as 

the displaced volume or theoretical volume).ò  Determining the leakage rate obviously becomes 

a difficult task.  Because the design of the rotary screw compressor permits no metal to metal 

contact of the compressor rotors, clearances between the rotors and casing are a necessary design 

aspect, which allows for proper wear of the air compressor.  They do however affect the 

performance of the compressor to some degree.  OôNeill (1993) theorizes that four paths exist for 

gas to leak due to the pressure difference across the compressor.  These four paths are the area 

between the meshing lobes, the area through the blow hole, the area across the rotor tips, and the 

area across the rotor discharge end face.  As Bloch (2006) verifies, the actual volume flow rate 

Qa is lowered by the volume flow lost through slippages Qv.  The actual volume flow rate is 

defined here 

 voa QQQ -=             (2.11) 

where Qa, Qo, and Qv are in units of cubic feet per minute.  Additionally, Bloch confirms that the 

volume flow loss occurring through these small areas depends on several factors including the 

total cross section of the clearances, the density of the medium being handled, the compression 
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ratio, the peripheral speed of the rotor, and the built-in volume ratio.  OôNeill (1993) states that 

realistically the leakage paths in a rotary screw compressor are all a function of the clearance 

times the diameter as shown by the relationship for flow through a restricting orifice below 

 
PACQ dv D=

 (2.12) 

where Qv is the volume flow lost via component slippages, Cd is a flow coefficient for the 

particular orifice-clearance relationship, A is the total cross sectional area of the clearances, and 

ȹP is the pressure head across the clearance (2003).  As this relationship shows, Qa is dependent 

upon the volumetric efficiency of the rotary screw compressor, which is itself dependent upon 

the operating discharge pressure.  Bloch (2006) provides that the calculation for volumetric 

efficiency is attained by the following relationship based on the terms derived above for the flow 

calculation: 
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    (2.13)   

  

The rate at which the mass flow of the gas leaks through these small clearances depends 

on the density of the gas, the speed of compression, the compression ratio, and the built in 

volume-ratio.  It is apparent that more leakage would occur for a gas in a high density state than 

that of a lower density state.  Also, if a gas is being compressed at a faster rate, it would have less 

time to leak back through the individual clearances.  Therefore, a higher compression speed 

would indicate less leakage.  The compression ratio is also a determining factor in the leakage 

rate, because compressing a gas to a higher pressure ratio creates more of a pressure differential 

between the individual screw compartments.  At higher pressure ratios there would inevitably be 
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more gas leakage flow.  As evidenced from the figure below, higher discharge pressures 

significantly decrease the volumetric efficiency of an air compressor. 

 

Figure 5. Volumetric efficiency for low and high discharge pressure. (O'Neill, 1993). 

 

Additionally, it is also apparent that for an oil-flooded screw machine, the leakage of the 

gas being compressed will be less than that of an oil-free screw machine.  This is because the oil 

acts as a sealant for the small clearances throughout the rotors and its casing.  The above 

relationships demonstrate that if for the same working discharge pressure, a decrease in the 

atmospheric pressure would increase the compression ratio and decrease the volumetric 

efficiency of a compressor.  However, OôNeill (1993) makes the point that ñA reduction in 

volumetric efficiency, as noted earlier, may not increase the absorbed power but will reduce the 

isentropic efficiency by reducing the mass flow delivered and thus reducing the theoretical 

isentropic power for the duty.ò  Therefore, the volumetric and isentropic efficiencies 
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interactively affect the performance of an air compressor.  The figure below demonstrates a 

generalized volumetric efficiency curve as a function of pressure ratio.   

 

Figure 6. Volumetric efficiency versus pressure ratio. (O'Neill, 1993). 

 

Clearly, efficiency is an often used term when referencing air compressors, which has 

been shown in this section to mean a number of different overlapping definitions.  Particularly, 

in metering the power and delivery of an air compressor machine, the mechanical, isentropic, 

and volumetric efficiency are captured.  For example, mechanical power may also include 

requirements of an internal gearbox, mechanically driven oil pumping systems, gear meshing, 

and bearing power.   If used imprecisely, an efficiency term may not properly describe the aspect 

of the air compressorôs performance being captured.  Throughout the rest of this thesis, care is 

taken to precisely define the calculations used in the model to determine air compressor 

performance.   
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2.3 Previous Models 

 

A wide array of models has been developed, all  with the goal of calculating the 

performance of the compressor machine.  Many of these mathematical models typically rely on 

detailed air compressor design specifications in order to perform an accurate compression 

simulation.  Two methods of compressor simulation calculation currently exist.  One method 

uses logged amperage data to estimate the power consumption and performance of an air 

compressor.  The other method uses thermodynamic and fluid principles to estimate air 

compressor performance.  Examples of each method are reviewed in detail in the rest of the 

chapter.  

 

A method for compressor simulation relying solely on the power draw of the compressor 

to calculate parameters such as airflow, electrical demand, and energy usage has become a 

regular tool for a general compressed air auditor.  One such software model, called AIRMaster
+
, 

allows the user to enter in logged compressor data to simulate the compressor performance.  

Other similar software systems have been created, such as XCEED, with the same goals in mind 

(Curtner & OôNeill, 1997).  AIRMaster
+
 is a free software tool provided by the Department of 

Energy and designed by Dr. Greg Wheeler and two of his graduate students, all of Oregon State 

University.  AIRMaster
+
 requires twenty four hours of hourly-averaged power, volts and amps, 

or airflow to determine compressor output (DOEITP, 2008).  The hourly-averaged data for the 

compressor is fitted to the performance profile for each air compressor in the system simulation 

where the software program computes the outputs.  The main purpose of AIRMaster
+
 is to 

ñenable auditors to model existing and future improved system operation, and evaluate savings 

from energy efficiency measures with relatively short payback periodsò (Washington State 
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University Cooperative Extension Energy Program [WSUCEEP], 2000).  In fact, AIRMaster
+
 is 

most widely known for the simulation of these common energy efficiency measures such as 

reducing discharge pressure and reducing air leaks.  The screenshot below shows the energy 

efficiency measures available for evaluation within the AIRMaster
+
 software program. 

 

Figure 7. AIRMaster+ software energy efficiency measures. (DOEITP, 2008). 

 

Of important note is that ñAIRMaster
+
 is intended to model airflow and associated electrical 

demands as seen by the supply side of the system.  AIRMaster
+
 does not model the dynamic 

effects of the distribution and end usesò (WSUCEEP, 2000).  Typical users of AIRMaster
+
 

include distributors of compressed air equipment, compressed air system auditors, utility 

engineers, and plant engineers. 
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Other methods of compressed air simulation rely solely on the thermodynamic and fluid 

calculations occurring during the compression process.  Fujiwara et al. (1984) compiled one of 

the first computer models to perform these calculations.  Fujiwara et al. (1984) incorporated 

geometrical characteristics such as volume curve, sealing line length, discharge port area, etc. to 

develop the calculation for the performance of an oil-injected rotary screw compressor within 

their model.  The inputs for this computer program consist of very specific machine design 

parameters such as blow-hole and discharge port areas, outer diameters of male and female 

rotors, the rotor length, heat transfer coefficients and surface areas for air to oil heat transfer, 

sealing line lengths, center-to-center distance between the rotor axes, torque, etc.  Since only a 

design engineer for an air compressor manufacturer would have knowledge of and access to 

these parameters, the results obtained from such a model depend highly on the specificity of the 

inputs.  Subsequently, Fujiwara et al. (1984) did simplify some aspects of their model to help 

simulate the behavior of the compression process.  For example, the working space model 

pictured on the following page was used to simulate the leakage flow rates into and out of the 

compression cavity.  Although Fujiwara et al. (1984) attempted to model the screw compressor, 

they used the design characteristics of a reciprocating compressor to assist in the performance 

calculations. 

 

Fujiwara and Osada (1995) developed another performance analysis, which also analyzed 

flow and heat transfer characteristics.  This computer simulation model found a relationship 

between the volumetric efficiency and the inlet temperature, where the heat transfer and flow 

coefficients were determined.   
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Figure 8. Compressor working space model. (Fujiwara et al., 1984). 

 

As a result, their analysis provided a prediction for optimum rotor shape.  Once again, Fujiwara 

and Osada (1995) utilized the analysis of the heat transfer in the oil-flooded rotary screw 

compressor for dictating performance:  

Heat transfer between gas and oil is especially important.  In a 

suction process, gas is warmed by high-temperature oil, and 

consequently the compressor performance goes down.  On the 

other hand, the gas temperature rises in the compression and 

discharge processes and the gas is generally cooled by the injected 

oil, thus reducing power consumption.  

 

Fujiwara and Osada (1995) provided the description of the model of the working space as in 

Figure 7.  Because no information existed concerning the heat transfer area for the gas to oil heat 

transfer, an approximated relationship was produced. 
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3/2

thVA=
 (2.14) 

where A is the heat transfer area and Vth is the displacement volume per one pair of male and 

female rotor grooves (Fujiwara & Osada, 1995).  The design of a new rotor profile was 

incorporated for estimating the improved efficiency of such prototype compressors.  The results 

were evaluated against experimentally obtained data and are presented below. 

 

Figure 9. Experimental versus calculated volumetric and adiabatic efficiencies. (Fujiwara & 

Osada, 1995). 

 

While Fujiwara and Osadaôs (1984) computer simulation focuses on the detail necessary 

to develop a completely theoretical mathematical model, Sangfors (1982) documented an 

analytical model in combination with an experimental setup to simulate helical screw machine 

performance.  Sangfors (1982), working under the Svenska Rotor Maskiner AB company in 

Stockholm, Sweden, developed a numerical method for prediction and analysis of oil -free and 

oil-flooded screw compressor performance.  Sangfors (1982) developed his model with reduced 

experimental costs due to ñthe calculating capabilities of the digital computer and the great 

amount of laboratory tests and experience that Svenska Rotor Maskiner AB has gathered during 
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all the years since the screw compressor was invented by Alf Lysholm.ò  Sangfors (1982) omits 

much of the details of the equations of the developed analytical model in this particular paper, 

except only to give the form.  Sangfors (1982) states that ñThe physical formulas describing 

these processes are arranged to a set of interrelated differential equations coupled by mass and 

enthalpy flows between control volumes.  These equations are of the form 

 ),,( tuxf
dt

dx
=  (2.15) 

where x is a vector of state variables, u is the system inputs, and f is a vector of nonlinear state 

functions.ò  Results showing the volumetric and adiabatic efficiencies for varied oil injection 

flow rates with three different male rotor tip speeds are provided below.   

 

Figure 10. Computer simulated performance of an oil-flooded air compressor. (Sangfors, 1982). 

 

Sangforsô (1982) results show that the volumetric and adiabatic efficiencies are relatively 

constant but do increase with rotor speed and oil injection rate, which is expected.  He does 

address that many of the same machine design parameters that Fujiwara & Osada (1995) 



 

30 

 

discussed had to be considered for the model such as clearances, rotor profile, length to diameter 

ratio, lobe-combination, oil-injection rate, and viscous losses. 

 

This modeling technique was also explored by Singh and Patel (1984) of Ingersoll-Rand 

Research, Inc.  Their paper describes the generated computer program that accounted for all 

leakages, viscous shear losses, oil cooling, and inlet and discharge losses.  Singh and Patelôs 

(1984) model made use of some empirical coefficients, which were developed through extensive 

testing.  Of main importance, their testing helped to determine coefficients to improve 

calculation of heat transfer due to the presence of oil.  They chose to refer to their computer 

program as ñgeneralizedò due to the fact that they made much effort to validate their model for 

most rotor profiles and a broad range of design and operating conditions.  The Singh and Patel 

(1984) model utilized the following relationship in their computer program to determine the heat 

transfer taking place between the gas and the oil: 

 )( TTHVQQ oilgas -==##  (2.16) 

where gasQ# represents the heat transferred from the gas to the oil, H is the oil-to-gas heat transfer 

coefficient per unit volume (empirically determined), V is the cavity volume at instant t, Toil is 

the oil temperature, and T is the gas temperature in the cavity.  The model also determined the oil 

temperature from the relationship below 
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#
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=  (2.17) 

where dF represents the power used by the shear losses, oilM# is oil mass flow rate, and coil is the 

specific heat of the oil.  Their model produced results for five different compressors, some from 

the authorôs company and some from their competitorôs companies.  All of these machines 



 

31 

 

covered a wide spectrum of rotor sizes, length to diameter ratios, interlobe clearances, rotor-tip 

clearances, and male and female rotor combinations.  Their results documented the brake 

horsepower (BHP) per 100 cubic feet per minute (CFM) for each of the five compressors, where 

the results for the computer model and the tested fell within 3 percent accuracy.  Additionally, 

their results provided an estimate of the flow and power losses for leakages such as inter-lobe, 

blow-hole, end wall, rotor tip, oil, and preheat. 

 

Singh and Bowman (1986) also produced a study specifically focused on heat transfer in 

the oil-flooded screw compressor.  One of the several important issues that Singh and Bowman 

(1986) addressed in their document was the ambiguity associated with measured discharge 

temperatures:  

Heat transfer estimates obtained from gas discharge temperature 

measurements include heat transfer both within the cavity and that 

within the discharge passage up to the measurement point.  The 

latter is normally a large fraction of the total value.  In addition, 

gas temperature measurement in the presence of oil is a very 

difficult task since the sensor is more likely to measure the 

temperature of oil than the gas. 

 

Significant effort was made to analyze the quantity of oil injected, size of the oil droplets, the 

injection point location and direction of the oil droplets, the injection velocity, and the droplet 

trajectories.  The results showed that an atomized oil droplet of 1,000 ɛm (.04 in) in diameter, as 

opposed to a 100 ɛm oil droplet diameter, results in savings of roughly 7 horsepower.  The 

estimated savings were produced in agreement with the limited test data available to the authors.  

The table below shows the results of the three simulated cases. 



 

32 

 

 

Figure 11. Effect of droplet diameter on compressor performance. (Singh & Bowman, 1986). 

 

In 1990, Pietsch and Nowotny developed a thermodynamic calculation of a dual screw 

compressor based on experimentally measure values.  Their analysis was mainly concerned with 

the effect of increasing compression efficiency through the supercharge process in refrigeration 

compressors.  Because the use of the twin rotary screw compressor is growing immensely in the 

refrigeration industry, significant improvements in compression efficiency translate to large-

scale savings.  The Pietsch and Nowotny (1990) model utilized a computer model, which 

estimated the improvement of refrigeration capacity due to increased supercharge mass flow rate 

based on experimentally determined mass flow rates.  Their model found that deviations between 

calculations and measurements were on the order of 5 to 10 percent. 

 

Stosic, Milutonovic, Hanjalic, and Kovacevic (1992) investigated the influence of oil 

injection upon the screw compressor working process.  Stosicôs team has performed a significant 

number of studies on screw compressor simulation and is currently still producing these studies, 

publishing many papers along with them.  The purpose of their model developed in 1992 was to 

vary the oil droplet size of the oil-flooded rotary screw compressor.  The amount of oil and 

exposed surface area of this oil directly affect the gas to oil heat transfer, lubrication, sealing, and 
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cooling within the compression process (Stosic et al., 1992).  All of these factors subsequently 

affect the performance calculation for an oil-injected rotary screw machine.  Stosic and his team 

were some of the first to utilize a computer-aided design (CAD) approach to handle the 

mathematical modeling within a compressed air simulation for design and optimization.  Stosic 

et al. (1992) offer a unique perspective in this particular study in the discussion of the 

consistency of a mathematical model to describe compressor performance:  

Major, still unresolved, differences among various models appear 

in the approach to the modeling of various accompanying 

phenomena, which cannot easily be represented by general 

analytical formulations, such as fluid leakage, oil injection, heat 

transfer between gas on one side and screws and compressor 

housing on the other, and others, which influence to a large extent 

the final performances of a real compressor.  Because of these 

uncertainties, mathematical modeling and computer simulation 

have their limitations and the final answers have to be obtained 

eventually on a test bench in a laboratory.   

 

This analysis, like most of the recent modeling literature on screw compressor performance, 

computes the thermodynamic compression analysis using the angle of rotation of the compressor 

working volume such as seen below. 
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where U is the internal energy, Ŭ is the angle of rotation, i is the fluid enthalpy, m is the mass, Q 

is the heat transfer, W is the work, and subscripts in and out denote control volume inlet and 

outlet, respectively (Stosic et al., 1992).  The main discoveries for the analysis proved that the 

temperature of the oil closely follows the gas temperature during the compressor cycle, except in 

the case of very large oil droplet sizes.  Additionally, they found that the oil to gas mass ratio and 

the oil viscosity have a small influence on the compressor process (Stosic et al., 1992). 
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Kovacevic, Stosic, and Smith (2002) have produced further work more recently on 

numerical simulations of fluid flow and solid structure in screw compressors.  Their development 

of a 3-D computational fluid dynamic (CFD) numerical model of fluid flow and solid structure in 

compressors more accurately determines factors affecting power consumption such as dynamic 

flow losses and leakage and oil flow drag (Kovacevic et al., 2002).  One of the important 

findings of the study determined that ñthe pressure difference acting on the compressor rotors 

deforms real rotors by an amount, which is similar in size to the compressor clearancesò 

(Kovacevic et al., 2002).  These additional clearances, created through rotor bending, lower the 

compressor efficiency because of the resulting increase in leakages.   

 

In 2007, Seshaiah, Subrata, Sahoo, and Sunil developed a mathematical model of the 

working cycle of an oil-injected twin rotary screw compressor.  The model was developed on the 

basis of the laws of perfect gas and standard thermodynamic relations.  Heat transfer coefficients 

required for computer simulation were experimentally obtained.  The results were validated with 

experimental data for both air and helium as working fluids.  The mathematical model separates 

the calculation into three phases, which are the suction, compression, and discharge processes.  

Additionally, the leakage and heat transfer calculations were performed so that the efficiencies 

can be estimated.  The variation of volumetric efficiency with respect to discharge pressure was 

determined, where the results show that the drop-off in volumetric efficiency at higher discharge 

pressures is negligible (Seshaiah et al., 2007).  The variation of the adiabatic efficiency was 

larger at lower pressure ratios, however, there exists an optimum pressure ratio to yield the 

highest adiabatic efficiency (Seshaiah et al., 2007). 
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In 2009, Zhang, Cai, and Kong introduced a newly proposed tool called air power as a 

quantitative standard of energy in compressed air.  According to Zhang et al. (2009), the 

available energy of flowing compressed air, which represents the energy that can be theoretically 

converted into mechanical energy, can be expressed as follows 

 
aP

P
PVE ln=  (2.19) 

at the atmospheric temperature.  The analysis yielded a measure of the overall energy efficiency 

of the air compressor and the aftercooler.  This ñtotalò energy efficiency also takes into account 

the motor efficiency.  The study showed that the overall energy efficiency of the compressor and 

aftercooler was on the order of 60 to 70 percent, which decreases slightly with increasing 

discharge pressure (Zhang et al., 2009).   

 

Fleming and Tang (1995) focused their research on the importance of leakage in a helical 

screw compressor and its application to performance improvement.  They identified six separate 

types of leakage paths, five of which have a geometry that varies periodically.  Additionally, they 

confirmed that ñThe pressure difference driving the gas along a leakage path also varies 

(periodically) and does so in a manner that is not the same for every leakage pathò (Fleming & 

Tang, 1995).  The six leakage paths are as follows 

- The contact line between the male and female rotors 

- The sealing lines between the rotor tips and the housing bores 

- The cusp blow hole 

- The compression start blow hole 

- The clearance between the end plate and the rotor end face at the discharge end 

- The clearance between the end plate and the rotor end face at the discharge end 
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The figure presented below shows some of the leakage paths. 

 

Figure 12. Screw compressor leakage paths. (Fleming & Tang, 1995). 

 

Their focus centered on the simulation of a twin screw refrigeration compressor.  The six 

different leakage paths were ranked according to their contribution to their impact on 

performance (Fleming & Tang, 1995). 

2.4 Compressor Controls 

 

Several different methods are used to control the flow output, also known as capacity, of 

oil-injected rotary screw air compressors.  For obvious reasons, compressors must limit their 

supply to a compressed air system in order to prevent the buildup of pressure under low 

compressed air demand periods.  However, a secondary benefit to compressor capacity control is 

associated with the relationship between reduced or no flow output and energy input.  From 

equation (2.8), the lower the mass flow rate is dropped, the less work input is required by the air 
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compressor to perform its duty.  So, as the different capacity control methods manage the 

necessary or required compressed air flow, the compression power that is required is modified.  

The capacity control methods presented in this section are the on-off (start-stop), load-unload, 

modulation (suction throttling), and modulation with unloading. 

 

The capacity control method called on-off is considered the ideal compressor control 

method.  This is because in an on-off control scheme, the compressor is able to meet the desired 

supply of compressed air at the specified system pressure under full loading conditions.  Once 

the compressor satisfies the compressed air demand at the required system pressure, the air 

compressor fully shuts off using no power to turn the shaft, run cooling fans, etc., so that the 

maximum energy savings are accrued.  Although this is considered the ideal compressor capacity 

control method, it is not at all a practical method for controlling the use of an air compressor for 

several reasons.  Running any type of compressor in an on-off control method would require a 

very large receiver tank to provide enough compressed air storage capacity for shutdown.  

Additionally, starting and stopping of motors produces power surge and increases wear due to 

overheating.  As a result, restrictions exist on the number of times an electric motor can be 

started in any one hour.  The performance profile displayed on the following page shows the 

percent full load power versus the percent capacity of airflow for an on-off control method.  It is 

important to note that the air compressor never operates on the middle of the dotted line in real 

practice.  The only operation occurs at the full loading and no loading points.  The controls for an 

on-off machine allow that when the pressure in a compressed air system drops below the 

minimum pressure set point Pon, the compressor turns on from its off (stop) setting.   
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Figure 13. On-off compressor flow control performance profile. (Bessey, 2001). 

 

Once the compressor is in its on (start) mode, the compressor should theoretically be flowing its 

full rated flow at the desired discharge pressure.  However, by direct observation it is known that 

it takes some small amount of time (t) for the compressor to get to its maximum turning speed.  

Until the entire volume of the compressed air system reaches the desired maximum pressure in 

the system Poff, the air compressor continues to perform work on the atmospheric air entering the 

machine.  Finally, when the compressed air system is filled with air at the desired system 

pressure Poff, a pressure switch in the receiver tank signals the air compressor package to turn off 

(stop) completely.  The air compressor package will again stay off until the pressure in the 

compressed air system, specifically the storage tank, falls below the minimum desired pressure.  

The compressor will then start and will continue the described cycle for as long as the 

compressor operates under this control method. 
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Typically a pressure tap (switch) in a compressed air storage tank operates in conjunction 

with the system pressure settings.  Psys which is being observed (sensed) from the air tank in the 

compressed air system is the pressure in the compressed air system.  Its value is generally 

determined from a particular piece of equipmentôs operating requirements for compressed air of 

an established pressure for its ability to meet the equipmentôs best efficiency.  Poff is the 

maximum desired air pressure in the compressed air system.  Its value is generally determined a 

maximum allowable pressure for a particular piece of equipment or the air compressor maximum 

design discharge pressure.  However, Poff can also be determined by adding a ȹP, often of 10 psi, 

to the Pon in order for the compressed air system to experience a modest but practical pressure 

control range. 

 

The capacity control method called load-unload is considered a more practical 

compressor control method.  In a load-unload control scheme, the compressor is still able to meet 

the desired supply of compressed air at the specified system pressure under full loading 

conditions.  However, once the compressor satisfies the compressed air demand at the required 

system pressure, the air compressor does not fully shut off.  Instead, the compressor opens a 

valve, so that the entering air is discharged to atmosphere.  The compressor is no longer working 

against the established system pressure.  Because no air is being compressed, there is no 

compression work required.  Therefore, the only power used by the air compressor package is 

the work required to turn the rotors and run the cooling fans.   For several reasons, the load-

unload compressor control method is considered more practical than the on-off.  The load-unload 

control scheme requires fewer full starts and stops of the motor.  This helps to prevent power 



 

40 

 

surge and increased wear due to overheating.  Also, less time is required for the motor to get up 

to full turning speed, since the rotors never actually stop turning.  The performance profile 

displayed below shows the percent full load power versus the percent capacity of airflow for a 

load-unload control method.   

 

Figure 14. Load-unload compressor flow control performance profile. (Bessey, 2001). 

 

The controls for a load-unload machine allow that when the pressure in a compressed air 

system drops below the minimum pressure set point Pon, the compressor turns on from its 

unloaded setting.  Once the compressor turns on, it operates in what is called a load mode.  This 

load mode is exactly the same as the on mode in the on-off control method.  Again, the 

compressor should theoretically be supplying its full rated flow at the desired discharge pressure, 

but it is known that it takes some amount of time for the compressor to get to its maximum 

turning speed.  When the entire volume of the compressed air system reaches the desired 

maximum discharge pressure Poff, the switch in the receiver tank signals the compressor package 
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to unload.  This part of the controls is the only difference between the on-off and the load-unload 

control methods.  The air compressor package will typically unload to anywhere from 40% to 

70% of its full load package power in this state.  In the unloaded state, the compressor is 

discharging the intake air to atmospheric pressure, essentially performing no work on the air 

entering the machine.  There is typically a certain amount of time, called blow down time, which 

is required for the compressor to achieve its fully unloaded state.  During this timespan, the 

discharge port is opened slowly through a valve in order to relieve stress on compressor parts and 

prevent foaming of the sump oil.  This slow relief of stress helps to prevent damage to the 

compressor inner workings.  Many compressor manufacturers require a 40 second blow down 

time in order to achieve this process.  This means that the minimum time between loading cycles 

for a compressor would be 40 seconds, as long as system pressure requirements are met.  After 

the blow down time period, the system pressure begins to receive the signal from the compressed 

air in the storage tank.  If at this point the pressure in the compressed air system is below the Pon, 

the air compressor will load again.  If the system pressure is above the Pon, the air compressor 

will stay in the unloaded state.  The described cycle will continue for as long as the compressor 

package operates under this control method.    

 

The capacity control method called modulation, also known as suction throttling, is also 

considered a more practical compressor control method than on-off.  In a modulation control 

scheme, the compressor is still able to meet the desired supply of compressed air at the specified 

system pressure by throttling the flow to the system.  Once the compressor satisfies the start 

pressure of the pressure control range, the air compressor uses a butterfly valve at the inlet piping 

to begin closing off the flow through the compressor suction.  If the pressure in the system 
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continues to rise, the valve closes more and more.  On the other hand if the pressure in the 

system begins to fall, the valve opens more.  OôNeill (1993) describes the physics of the 

modulation flow control method:   

As the suction is throttled, the compressor mass flow is reduced 

and therefore the power should fall.  However, at the same time the 

suction pressure is reduced thus causing the compressor operating 

pressure ratio to increase which causes the power per unit mass 

flow to increase.  The final result is the combination of these two 

functions.   

 

Because the flow through the suction is being reduced, the amount of air being compressed is 

reduced.  As a result, less compression is work required.  Modulation controls usually allow for a 

compressor to operate down to about 70 to 80 percent of full load power at zero flow.  This 

makes the modulation compressor control method a practical control method, since some energy 

savings are accrued in periods of low demand but the compressor does not experience frequent 

starts and stops.  The performance profile displayed on the following page shows the percent full 

load power versus the percent capacity of airflow for a modulation control method. 

 In periods of very low demand, pure modulation controls are not able to prevent pressure 

buildup in the system, since the inlet valve that is being throttled cannot completely close.  As a 

result, many industrial facilities utilize modulation with unloading controls.  Also known as dual 

control or low-unload control, modulation with unloading controls allow for a combination of 

both inlet modulation (suction throttling) and load-unload controls.  In a modulation with 

unloading control scheme, the compressor is able to meet the desired supply of compressed air at 

the specified system pressure by throttling the flow to the system to meet the compressed air 

demand.   
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Figure 15. Modulating compressor control performance profile. (O'Neill, 1993). 

 

Like the pure modulation controls, the compressor satisfies the start pressure of the pressure 

control range and then uses a butterfly valve at the inlet piping to begin closing off the flow 

through the compressor suction.  If the pressure in the system continues to rise, the valve closes 

more and more.  On the other hand if the pressure in the system begins to fall, the valve opens 

more.  Different from pure modulation, modulation with unloading controls only allow for a 

compressor to operate down to about 80 to 90 percent of full load power.  Once the compressor 

reaches ñfull modulationò where the flow cannot be valved off anymore, the compressor unloads 

just like the load-unload controls.  The point where modulation stops and unloading begins is 

usually termed the unload point.  Like the load-unload controls, the modulation with unloading 

controls allow blowdown until the compressor reaches about 40 to 70 percent of full load power.  

At this point, no air is being compressed but just discharged to the atmosphere.  The modulation 
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with unloading compressor control method is the most practical control method because of the 

tight airflow and power management unique to its operation.  The benefits of this control method 

include the accumulation of energy savings in periods of low demand.  Additionally, decreased 

wear occurs because of fewer loading and unloading periods.  The performance profile displayed 

below shows the percent full load power versus the percent capacity of airflow for a modulation 

control method     

 

Figure 16. Modulation with unloading compressor flow control performance profile. (Bessey, 

2001). 

 

2.5 Review of Literature Summary 

 

As has been discussed in this chapter, the rotary screw compressorôs unique design and 

operational characteristics make it a universal air compressor for industrial applications.  

Because of the air compressorôs importance to the industrial sector, compressed air simulation 
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methods have been developed in the last 25 years.  While most of these simulations are geared 

towards applications with the reciprocating compressor, only until recently have rotary screw 

compressor simulation methods begun to use complex engineering analyses using methods such 

as CFD models.  The information and publications presented in this chapter are a small piece of 

the overall research geared towards improvements in engineering of industrial air compressors.  

However, research is much lacking in the simulation of compressed air systems as a whole, 

which concerns the air compressor itself and the compressed air storage and equipment that the 

air compressor supplies.  Additionally, much of the research concerning the rotary screw 

compressor pertains to highly theoretical studies on design and behavior of individual parts of 

the rotary screw air compressor.  This deficiency stimulates the need for a general tool, requiring 

relatively basic inputs about the compressor and the system, which can be used for evaluation of 

compressed air system performance.  This thesis builds upon the current methods for compressed 

air system simulation while taking a novel approach to compressed air system simulation.         
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3. COMPRESSOR MODEL 

 

3.1 Introduction to Compressor Model 

 

The goal of creating a reliable compressed air system model requires complex study of 

pertinent parameters.  While the physics of the air compression process are widely known, the 

complexity of the rotary screw machine presents several challenges for accurate evaluation of the 

performance of a rotary screw package compressor.  Additionally, the actual compressor package 

is only one of many parts that make up a typical compressed air system.  Analysis of the 

behavior of a compressed air system under different demand loads and control methods 

necessitates a simplified compressed air model, because any relevant engineering and 

thermodynamic analysis of such a system requires major assumptions.  Without these 

assumptions, the possibility of obtaining consistent and practical results is not possible.  The 

modern techniques for producing these results oblige implementation of the model into a 

computer simulation.  The compressed air system relationships that follow throughout the 

chapter originate through derivation of the fundamental relationships for gas compression as well 

as the consideration for this computer simulation technique.  In every way possible, these 

relationships were provided on a basic level in order that simple ñnameplateò data could be used 

to simulate behavior of a compressed air system.  For parameters that are not obtainable from 

nameplate data, field testing will provide the best method for acquisition of these inputs.  

Included in this thesis is the proposal for the parameters, which may best be obtained in the field.  

Actual protocol for conducting these field tests has been recommended as future work.  Transient 

behavior of all compressed air systems is the major concern in evaluating compressed air system 

relationships as a function of time in a model.  The four relationships used to describe 

compressed air system behavior are derived throughout this chapter.   
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3.2 Fundamental Relations 

 

The thermodynamics of gas compression are often derived from an analysis of the 

positive displacement reciprocating (piston-cylinder) compressor.  Because rotary screw 

compressors are also positive displacement machines, the basic analysis for the theoretical power 

calculation required to compress gas from atmospheric to discharge pressure applies to both 

reciprocating and rotary screw compressors.  The thermodynamic analysis of the reciprocating 

and screw compressor will be addressed in detail throughout the following chapter.  Rather than 

provide a complete thermodynamics review of gas laws and pressure-temperature-volume 

relationships, this chapter will provide the background to equations relevant to design of the 

compressed air model.  The theoretical compression work and compression efficiency terms are 

used as those derived in Chapter 2. 

3.3 Model Development 

 

Compressed air systems, being made of several key components, often experience 

complex behavior.  Some of the most important components of a compressed air system that 

determine this complex behavior are the air compressor, the oil separator tank, the after-cooler, 

the compressed air storage, the filter, and the dryer.  The diagram on the following page shows 

the typical layout of an industrial compressed air system with these components specifically 

noted.  While all of these components are important to the fluid and thermodynamic behavior of 

a compressed air system, the details of each component can be overwhelming when trying to 

model such a complex system. 
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Figure 17. Typical components of industrial compressed air systems. (DOEEERE, 2003). 

 

For the analysis of this thesis, the system is simplified by examining, in detail, the 

thermodynamic behavior of only the air compressor and the compressed air storage.  By 

assessing these two essential components, the air compressor and the storage, the basic behavior 

of a compressed air system can be simulated through several fundamental relationships.  

Beginning with a conservation of mass study, the observed control volume for this analysis 

consists of the air compressor, the air receivers(tanks), and the piping.  A diagram of the 

observed control volume is shown below.   
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Figure 18. Compressor model control volume. 

 

The two driving parameters of this modeled control volume are the system pressure, Psys, and the 

compressed air system volume, Vsys.  The air compressor and model are always working to fill 

the system volume at the desired system pressure.  Through the conservation of mass analysis, it 

is easiest to calculate the mass of the air in the compressed air system control volume, msys, as a 

function of the density and the system volume.  The density of the air, ɟair, may be calculated by 

the applying the derived relationship seen in the equation below     
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where Rair is the gas constant for air and Tsys is the temperature of the compressed air in the 

receiver tanks and piping.  With the mass of the compressed air system known, the conservation 

of mass analysis now requires understanding of the mass balance of the airflow into and out of 

the compressed air system control volume.   
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In order to account for the mass balance of the airflow into and out of the compressed air 

system control volume, four primary equations are derived to work within the compressor model.  

These four calculations determine the pressure in the compressed air system, the volumetric flow 

rate to the system, the power required for the compressor package to generate the compressed air 

demand of the system from atmospheric to discharge pressure, and the control method for the 

compressor to regulate the flow output based on the compressed air demand.  These calculations 

are derived throughout the next section. 

3.4 Adaptation of Modeling Equations 

 

The next step in the analysis of the compressed air system accounts for the transient 

behavior of the air compressor and the compressed air demand required by the system.  Four 

primary equations are generated to describe the behavior of the compressed air system.  These 

four equations are presented in detail throughout this section.  Additional analysis for some 

parameters, beyond what can be theoretically calculated in a compressed air model, was 

warranted for thorough understanding of the relations between the main parameters considered 

for each of these functions.      

3.4.1 System Pressure 

 

The diagram on the following page shows the mass flow of air into and out of a typical 

compressed air system. 
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Figure 19. Observed mass flow control volume. 

 

The air compressor is constantly working against the head between the inlet or atmospheric 

pressure entering the air compressor and the desired system pressure, which is usually close to 

the discharge pressure of the air compressor.  Additionally, the mass flow into the compressor 

and out of the compressor both directly affect the compression work and pressure behavior in the 

system.  Therefore, the air flow demand and air flow supply as a function of time are important 

terms for modeling the behavior of the compressed air system.  The change of mass in the 

system, sysm# , can be rewritten as the difference between the mass flow of the supply gas and the 
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mass flow of the demand gas.  Subsequently, taking the derivative of equation (3.1) with respect 

to time yields the following 
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where supm# is the mass flow of the supply air in the system and demm#  is the mass flow of the 

demand air in the system.  This calculation assumes that the temperature of the system, Tsys, and 

the gas constant, Rair, remain constant so that the mass change of the system is a function of the 

change in system volume and the change in the pressure of the compressed air system with time. 

By substituting the ideal gas equation into equation (3.2), the following can be seen 
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where supV# and demV# are the supply volume of compressed air and the demand volume of 

compressed air, respectively.  The supply, demand, and system temperatures are all assumed to 

be uniform, so that the relationship for the pressure in the compressed air system is as follows 

 dt
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 (3.4) 

However, this broad assumption warrants a thorough analysis of the transience of the 

temperature throughout the compression process.  A modified relationship defines the air 

temperature by assuming that the demand and system temperatures were uniform but the supply 

temperature would be higher than the
 
temperature of the compressed air in the system.  

Therefore, a more accurate way of representing this relationship is found by multiplying through 

equation (3.4) by Tsys to get the equation seen below 
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where Psup is the pressure of the supply air in the system and Pdem is the pressure of the demand 

air in the system.  Additionally, equation (3.5) can be written to approximate the pressure in the 

system for the given time using the Euler-Cauchy method as seen below 
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where Psys(t+æt) is the pressure in the compressed air system at the next time step and Psys,t is the 

pressure in the compressed gas system at that time, t.  Equation (3.6) is one of the four 

relationships used in the compressed air model to determine system behavior. 

  

Implementing equation (3.6) into the model allows for accounting of the effects of heat 

transfer during the compression process.  Because the oil in the wet (flooded) rotary screw 

compressor is so important to the removal of heat generated during gas compression, the derived 

relationship allows for observation of the effects of heat transfer on the performance of an air 

compressor.  The temperatures obtained by both the oil and compressed air throughout the 

compression process may be analyzed to determine the heat removed during compression and 

the resulting air temperatures following compression.  When technical data or field testing is 

available concerning the entering and leaving temperatures of both the air to air aftercooler and 

air/water to oil aftercoolers, the oil and air temperatures entering and being discharged from the 

compressor package may be calculated in the following process.  For example, with a known 

effectiveness of the oil aftercooler (air-cooled type), the heat exchanger model below represents 

the temperature analysis after the compression process. 
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Figure 20. Heat transfer analysis of oil aftercooler (air-cooled compressor). 

 

The effectiveness of the heat exchanger may be defined as the following 
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where Ů is the effectiveness of the heat exchanger, ( )
oilpcm#  is the fluid heat capacity of the oil, 

( )
minpcm# is the minimum fluid heat capacity, and T1 through T4 represent the temperatures 

described in the above figure.  The same analysis would hold if the air compressor used a water-

cooled design.  The airflow of the cooling air or flow rate of the water for the oil aftercooler must 

be known, so that the minimum fluid heat capacity of either the oil or the air may be determined.  

Then, the discharge temperature of oil may be calculated in order to determine the heat 

transferred from the air (or water) to the oil during compression.  The following equation 

describes the calculation for the discharge temperature of the oil from the compressor, T3. 
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The heat transfer removed from compression could then be assumed to be the same as the heat 

transfer removed by the oil aftercooler, which is a very approximate assumption.  The heat 

transfer removed by compression is then represented by the following equation. 
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 )()( 34,,, TTcmTcmq oilpoiloilpcompreomoved -=D= ##  (3.9) 

 

As was previously mentioned, this analysis assumes the discharge temperature of the oil 

leaving the air compressor would be equal to the temperature of the oil entering the oil 

aftercooler.  In order to calculate the discharge temperature of the oil, T3, the oil sump 

temperature T4 must be known for every timestep.  A proposed design for the temperature 

calculations of the compressed air aftercooler would mimic the oil aftercooler calculations.  

Since much of the heat exchanger design data for air compressors isnôt readily available on many 

compressed air systems, the temperatures of the oil, air (and possibly water), and the 

corresponding flow rates would need to be field tested in order to integrate them appropriately to 

the compressed air model.  

 3.4.2 Compressed Air Volume Supply 

 

The next fundamental equation for the compressed air model relates the supply volume of 

compressed air to the demand volume of compressed air.  However, the supply volume of 

compressed air also depends on the controls of the air compressor, which were discussed 

previously in section 2.4.  For example, a start-stop compressor that has reached the highest 

desired system pressure, will turn off.  Therefore, the compressor control logic indicates that the 

compressor should turn off and supply no flow.  Another example is the load-unload compressor.  

When a load-unload compressor meets all of the compressed air volume demand at the system 

pressure, the compressor control logic tells the compressor to ñblow-downò the compressed air to 

atmospheric pressure over a specified period of time until finally no air is being compressed.  

Only standard atmospheric air is being passed through the screw compartments, which at the end 

of the blow-hole is discharge to atmospheric pressure or slightly above.  While these two cases 
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are very closely related, the case for modulating controls differs greatly.  The inlet valve 

ñmodulatesò or adjusts its opening area to control flow into the compressor.  When the 

compressor matches (supplies) system pressure at the required demand volume, the inlet valve 

modulates (closes off) more towards its full modulation point.  Therefore, flow and power are 

reduced because of the relationship in equation (2.8).  In addition to the variation in volume 

supply due to control method, the efficiency of the air compressor in delivering the volume of air 

brought through the suction phase to the volume of air leaving through the discharge phase must 

be evaluated.   

 

The relationship for the volumetric efficiency was derived in section 2.2.3.  Because it is 

so physically difficult to measure the clearance paths that contribute to leak back, some alternate 

measures are often used to estimate the actual volume delivery of the air compressor.  For 

example, the AIRMaster software program uses a ñrule-of-thumbò relationship to calculate the 

flow loss for increase in discharge pressure.  According to the Sullair data used to model the 

ñrule-of-thumbò calculation in AIRMaster, the capacity of a compressor decreases by 0.075% for 

every 1 psi increase in discharge pressure.  The data in the figure on the following page is 

obtained from several AIRMaster models and shows typical flow (actual cubic feet per minute) 

versus discharge pressure in pounds per square inch gauge for four different size air compressors 

varying by 100 horsepower units.  While OôNeill tries to suggest that the larger compressor 

machines are typically more volumetrically efficient, the AIRMaster simulation reveals the 

opposite.  This data shows the steepest slope and therefore fastest drop off in capacity for the 

largest 400 horsepower compressor and flatter slope for all other size compressors, the flattest 

being the smallest 100 horsepower compressor. 
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Figure 21. Flow versus discharge pressure for varied size compressors. 

 

Theoretically, the flow profile could be easily generated by measuring two points of the 

compressorôs operation, one at a high discharge pressure and one at a low discharge pressure and 

establishing a straight line in between the two points.  Because it is difficult to measure airflow 

without the proper sophisticated equipment and significant time investment, a different approach 

is taken.  To simplify the model as a general tool relying on basic nameplate data, a term named 

the operational volumetric efficiency is developed.  The operational volumetric efficiency 

determined for this compressor model simulation uses the relationship below 
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where the operational volumetric efficiency, ovh , is only dependent upon the discharge pressure 

P2.  Because the inputs for this compressor model are generated from air compressor nameplate 

data, the operational volumetric efficiency is defined as a function of the rated compressed air 

volume supply, Qr, and the actual compressed air volume supply, Qa.  The selected operational 

volumetric efficiency calculation is established through a model provided by OôNeill for a 

typical medium-sized oil injected air screw compressor and is shown in the figure below. 

 

Figure 22. Operational volumetric efficiency versus discharge pressure. (O'Neill, 1993). 

 

With known operating discharge pressure, the operational volumetric efficiency is determined by 

the trendline of the OôNeill data.  This trend is shown below 
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Once the operational volumetric efficiency is known, the actual volume flow rate of the 

compressor can be determined by knowing the rated flow of compressed air and the following 

equation 

 rova QQ Ö=h
 (3.12) 

The actual volume flow rate should therefore be a constant for a particular compressed air 

system that only depends on the setpoint for the compressor discharge (system pressure).  The 

actual volume flow rate of compressed air will then be supplied to the volume supply flow rate 

input, which is modeled next. 

 

The model utilizes a volume supply flow rate calculation based on the calculated actual 

volume flow rate and the flow control, which is dependent on the compressor controls.  The flow 

control is determined by a separate function in the model.  Its value is equal to 0 or 1 for the 

simplest control cases, Start/Stop and Load/Unload, and is between 0 and 1 for the modulation 

with unloading case.  For the compressor model, the equation for supply volume of air is as 

follows  

 
MQV aÖ=sup

#
                 (3.13) 

where Qa is the actual capacity flow rate of the package compressor machine in units of cubic 

feet per minute and M is the flow percentage (flow control), either 0 or 1 for the Load/Unload 

and Start/Stop machines.  The value of M is based on the compressor control scheme, the 

pressure in the compressed air system at time t+ȹt, and the previous flow percentage all to be 

discussed in more detail in the compressor flow control calculation.  Therefore, the relationship 

can be shown in Euler form as 

      
)()(sup tMQttV aÖ=D+#
     (3.14) 
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3.4.3 Compression Work 

 

The equation for the compression work is probably the most important and most desired 

output from the compressor model.  The compressor work calculation depends on several 

important inputs.  However, the four primary equations of the air compressor model working 

together provide the necessary inputs for the work calculation.  Therefore, the only real inputs 

for the work calculation are the pressure in the compressed air system and the flow (volume 

supply) of the compressed air.   

 
))(),(()( sup ttVttPfttW syscomp D+D+=D+ ##

 
(3.15) 

As mentioned earlier, the volume supply of compressed air varies directly with the volume 

demand of compressed air.  For the compressor module the work calculation was derived in two 

components, the theoretical work of the gas compression and the dynamic work of the gas 

compression.  These two components are seen below. 

 doa WtWtW ### += )()(
 (3.16) 

where Wa is the actual power of the gas compressor, Wo is the theoretical work of the 

compressor to compress the gas only, and Wd is the dynamic work required to turn the rotors and 

overcome machine friction.  The theoretical work for the compressor model is a straightforward 

calculation based on the equation (2.8) presented in Chapter 2 and is shown below. 
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where supV#is the volume supply of compressed air, ɟair is the density of the air being compressed 

dependent upon the ambient temperature of the air, cp,air is the constant pressure specific heat of 

air at the ambient temperature, Tatm is the atmospheric air temperature, Psys is the pressure in the 
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compressed air system, Patm is the atmospheric air pressure, kair is the ratio of specific heat for 

air, and ɖis is the isentropic efficiency of the air compressor.   

 

The isentropic efficiency is a parameter of the compressor machine that is dependent 

upon many factors.  This compressor model relates the isentropic efficiency as a function of both 

the irreversibilities in the compression process and the heat transfer to the surroundings.  This 

relationship is shown below 

 
),( ych fis =  (3.18) 

where cis the irreversibility associated with the compression process as well as the specific 

screw and casing geometry and yis the heat transfer during the compression process.  The 

isentropic (n=1.4) compression path versus the actual (n>1.4) compression path is demonstrated 

in the temperature-entropy (T-s) diagram shown on the following page. 

 

The T-s diagram shows the isentropic case path of compression, which is the ideal.  Even 

though rotary screw compressors typically do a superior job of removing heat generated during 

compression, and thus allow for compression to really high discharge pressures, the process still 

cannot be considered completely adiabatic.  An entropy analysis is necessary in order to 

appropriately examine and define the isentropic efficiency for the compressor model.   

 

 Because of the complexities related to the compression process for all positive 

displacement machines, it is important to understand the isentropic efficiencies of different 

compression paths and relate those efficiencies to the other thermodynamic parameters in the 

compressed air system model.   
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Figure 23. T-s diagram for varied polytropic exponents. 

 

To better understand these compression paths, the isentropic efficiencies for two cases were 

analyzed.  Rather than devise a way to compute the isentropic efficiency outright, the following 

analysis develops relationships for the isentropic efficiency in a reversible polytropic 

compression and in an irreversible polytropic compression.  Beginning with the reversible 

polytropic compression, the polytropic work, wp, from state 1to state 2 is determined from the 

following equation. 
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With the ideal gas law and the specific heat definition, this equation can be rearranged to 
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where n is the polytropic index.  The isentropic work can also be arranged to this format 
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where k is the ratio of specific heats.  By varying the polytropic index from 1.40 to 1.50, the 

isentropic efficiencies for different discharge pressures can be calculated based on the ratio of the 

isentropic work and the polytropic work as seen below. 
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The graph on the following page shows the calculated isentropic efficiencies for reversible 

polytropic compression versus discharge pressure for varied polytropic index.  The discharge 

pressures are varied over only a small pressure range of 90 psig to 120 psig to simulate typical 

industrial compressor operation range.  The plot shows that the isentropic efficiency decreases 

with a higher polytropic exponent and higher discharge pressre.  The isentropic efficiency 

maintains a flat slope between the range of 1.00 and 0.94 for polytropic exponents between 1.40 

and 1.50, respectively. 
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Figure 24. Isentropic efficiency for reversible polytropic compression. 

 

 The isentropic efficiency for the irreversible polytropic compression process with 

heat transfer can also be modeled in a similar manner with some important stipulations.  Cengel 

and Boles (2002) define the entropy generation for a single-stream steady flow device as the 

following 
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where genS#  is the entropy generation within the air compression process, ä eesm# is the sum of 

the mass times the entropy flows exiting the compressor, ä ii sm# is the sum of the mass times 

the entropy flows entering the compressor, and ä
k

k

T
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by heat at location k along the compression process.  Dividing equation (3.23) through by m#and 

assuming the same temperature at the inlet and exit of the compressor provides the following 

 
1

21
12

T

q
ssgen

---=s
 (3.24) 

where ůgen is the entropy generation within the air compression process, s2-s1 represents the 

change in entropy (ȹs) of the exiting and entering air, q1-2 is the heat transferred to the air 

between the inlet and exit, and T1 is the entering air temperature.  Equation (3.24) now presents a 

relationship for ȹs, q1-2, and ůgen.  Analyzing the heat transfer in equation (3.24), the 1st Law of 

Thermodynamics describes that 

 212211 -- +=+ whqh  (3.25) 

where h1 and h2 are the enthalpies of the entering and exiting air, q1-2 is heat transferred to the 

gas during compression, and w1-2 is the work performed by the compressor.  By assuming 

constant specific heats, equation (3.25) is simplified to 

 
pp c

w
T

c

q
T 21

2

21

1

-- +=+  (3.26) 

where T1 and T2 are the temperatures of the entering and exiting air, and cp is the specific heat of 

the air.    This particular model is simulated by varying the ratio of the generated entropy, ůgen, to 

the change in entropy, ȹs, of the compression process as seen below. 
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Solving for the heat transfer in the above equation provides the following. 
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The steps in the modeling process are as follows.  The change in entropy for an ideal gas with 

constant specific heats is first determined through the following equation 
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where T2 is determined from the temperature rise equation for an ideal gas with constant specific 

heats at each polytropic exponent.  The heat transfer is then determined through equation (3.28) 

using the fixed ratio of generated entropy to change in entropy, the temperature at state 1, and the 

change in entropy for each polytropic exponent at the desired pressure.  Once the heat transfer is 

found, the irreversible polytropic compression work from state 1 to state 2 can be determined 

from the equation (3.26) above.  Finally, the isentropic efficiency for the irreversible polytropic 

compression can be found using the equation below. 

 act
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 (3.30) 

The compressor model allows for compression simulation with the real case where 

irreversibilites are generated during the compression process.  The isentropic efficiency for the 

irreversible compression with heat transfer was modeled at several different pressures, again 

with varied polytropic exponents, by varying the ratio of the entropy generated over the change 

in entropy by the process described above.  The efficiencies provided in the figure on the 

following page are calculated with an entropy generated over change in entropy ratio of 1.2.  For 

the exact same polytopic exponents, a similar trend follows for the reversible and irreversible 

cases.  However, much lower isentropic efficiencies between 1.00 and 0.78 are obtained for the 

same discharge pressures.   
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Figure 25.  Isentropic efficiency for irreversible polytropic compression, ůgen/ȹs = 1.2. 

 

With obviously a significant portion of the compression work being dependent upon the 

isentropic efficiency of an air compressor, an appropriate model should allow for accounting of 

the complete thermodynamic effects of the compression process.  Again, the goal of this 

particular analysis was not to devise a way to compute the isentropic efficiency outright, but to 

understand its relation to the other parameters in the model. 

 

As previously mentioned, the other component of the actual compressor work is the 

dynamic work.  The dynamic work encompasses specific machine design parameters such as the 

rotor diameter, the rotor length, and rotational speed of the compressor.  The dynamic work 
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components are difficult to calculate unless relevant information is known about the machine.  

However, it can be theorized that a certain minimum amount of power is required just to turn the 

rotors of the air compressor and to overcome the friction forces even if the machine is not 

compressing further from inlet pressure.  This relationship is seen below     

 
.),( ConstfWd == dw#
 (3.31) 

where ɤ is the turning speed of the machine (rotor) and ŭ is the friction in the rotors and the 

casing.  As shown above, the dynamic work power component is assumed as a constant in the 

model because of the complexities involved in calculating this element of the total power for 

compression.  This component should more likely be determined through a simple field test on 

the compressor package and logged power data.  Therefore, this term depends on factors other 

than the inlet and discharge pressures.  Additionally, the work to run the fan and the control 

panel would also be constants power draws to any compressor package and could potentially be 

collapsed into this dynamic work term for modeling purposes.  Therefore, the dynamic work 

term can be applied as simply, the amount of work necessary just to operate the machine, without 

considering the work for gas compression. 

3.4.4 Compressor Flow Control 

 

The last compressor relationship unique to the compressor model is the compressor flow 

control.  The purpose of this function is to evaluate when the compressor package is running and 

also when it should be governing the compression of air.  As mentioned previously, one of the 

main objectives of the compressed air system model is to calculate the compressed air system 

work.  Chapter 2 describes several air compressor control methods that are typical of the rotary 

screw air compressor including On/Off (Start/Stop), Load/Unload, and Modulation with 

Unloading.  The differing control schemes complicate the analysis of calculating the required 
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flow through the compressor as a response to compressed air demand.  However, the power 

calculation only differs for either a change in flow through the compressor or a change in desired 

discharge pressure and therefore is consistent to the analysis of each control method. 

 

As Chapter 2 describes, the pressure control range for the volume control method is the 

determining factor for the flow through the compressor and whether or not the compressor is 

ñrunningò or performing compression work on the air.  The pressure set points are based on two 

pressure settings, Pon (Pstart) and Poff (Pstop), that establish a range of pressure (ȹP) where the air 

compressor requires compression of the air and therefore, work.  Pon and Poff is also expressed 

commonly as Pmin and Pmax for a particular compressed air system control range.  The 

compressor flow control for the model is simulated by the equation seen below   

 
))(),(()( tPtstatecompressorfttM sys=D+

 (3.32) 

where the compressor state is the current operating flow through the air compressor package.  

The compressor state is modeled as either on or off for the Start/Stop machine and as loaded, 

unloading, unloaded, or off for the Load/Unload machine.  The following table details the 

operation of a Start/Stop compressorôs flow percentage function by a check of the system 

pressure against the system pressure control points and the state of the compressor, whether it is 

on or off.  As is seen in the table below, the flow percent is either equal to 0 or 1 for the 

Start/Stop control method. 

Table 1. Flow control for start-stop compressor. 

 

Start_Stop 

  Compressor State Psys>Pstart Psys<Pstart 

OFF M=0 M=1 

 

Psys>Pstop Psys<Pstop 

ON M=0 M=1 
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The main difference in the flow control between a Start/Stop and Load/Unload 

compressor occurs when the value of the compressor flow control is equal to zero.  The 

compressor must then be evaluated as to whether it is starting up from the off state or the 

unloaded state.  When the compressor is turned on from the off state, the system pressure is 

checked against the start pressure control point.  Similarly, when the compressor is in the 

unloaded state, the system pressure is again checked against the start pressure control point.  The 

controls for the Load/Unload compressor are modeled in the table below, where the flow percent 

is either equal to 0 or to 1 for the states where the compressor is off, loaded, or unloaded.  There 

is also an additional state termed unloading where the compressor is in between the loaded and 

unloaded states.  This state was discussed previously, as it relates to blowdown time.  Blowdown 

time is the amount of time associated with the opening of the discharge port to atmosphere once 

the compressor needs to unload.  Since the blowdown time does not occur instantly, instead 

usually over a period of about 40 seconds, the flow control is somewhere in between the values 

of 0 and 1 during that time.  The method for calculating blowdown time is discussed in detail 

later in this section.  Table 2 below demonstrates the method for determining the compressor 

flow control for a Load/Unload air compressor. 

Table 2. Flow control for load-unload compressor. 

 

Load_Unload 

  Compressor State Psys>Pstart Psys<Pstart 

OFF M=0 M=1 

 

Psys>Pstop Psys<Pstop 

Loaded M=0 M=1 

 

Psys>Pstart Psys<Pstart 

Unloaded M=0 M=1 

Unloading 0<M<1 0<M<1 
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Finally, the flow control for the Modulation with Unloading case is presented.  The 

Modulation with Unloading control uses many of the same features that the Load/Unload control 

uses except that it begins to vary the flow through the compressor as soon as the system pressure 

is operating in any part of the pressure control range.  The modulation increases and the flow 

percent decreases as the pressure in the system continues to rise until full modulation is reached.  

If full modulation is reached and the system pressure is still rising beyond Pmax, the compressor 

begins its unloading sequence just like the Load/Unload controls.  The control for the 

Modulation with Unloading compressor is modeled in the table below.   

Table 3. Flow control for modulation with unloading compressor. 

 

Modulation w/ Unload 

  Compressor State Psys>Pstart Psys<Pstart 

OFF M=0 M=1 

 

Pstart < Psys<Pstop --------- 

Modulating Munload<M<1 --------- 

 

Psys>Pstart Psys<Pstart 

Unloaded M=0 M=1 

Unloading 0<M<Munload M=1 

 

Because the value of the compressor flow control can vary between 0 and 1 for certain 

compressor operating states in both the Load/Unload and Modulation w/ Unload control 

schemes, a method for determining that value must be derived.  Because the flow of the 

compressor in the states between 0 and 1 is dictated by a compressor inlet valve, an analysis of 

the flow characteristics of the common butterfly valve is warranted.  The Crane technical data 

provides head loss coefficients, Kv for different butterfly valve positions.  The following data 

from the Crane (1991) technical paper 410 was used to construct the curve for determining the 

head loss coefficient across the compressorôs inlet butterfly valve at different positions (ɗ).   
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Table 4. Head loss coefficients (K_v) for varied butterfly valve positions. 

 

ɗ (Valve Position) Kv (Head Loss Coefficient) 

5 0.24 

10 0.52 

20 1.54 

40 10.8 

60 118 

 

This data is extrapolated throughout the range of the butterfly valve from fully open (ɗ=0Á) to 

fully closed (ɗ=90Á).  The figure below shows the extrapolated data and curve fit applied to the 

model. 

 

Figure 26. Head loss coefficients versus butterfly valve position. 

 

The following equation was applied in the model to determine the head loss coefficient for each 

butterfly valve position.   
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q1095.1561.0 eKv =  (3.33) 

From the fluid dynamic analysis of the valve, the pressure drop across the valve can be written as  
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 (3.34) 

where Pi is the pressure at the inlet to the valve, P1 is the pressure immediately after the valve, Vi 

is the approach velocity immediately before the valve, and g is the gravitational constant.  For 

convenience, a ratio of the change in the pressure to the inlet pressure is established 
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Therefore, the following rearrangement is used to perform a conservation of mass analysis across 

the valve. 

 g

V

P

K

P

P i

i

v

i 2
1

2

1 -=
 (3.36) 

The volumetric flow rate through the valve will obviously decrease, but the mass flow rate will 

not be reduced.  Therefore, the conservation of mass analysis yields the following 
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where Qi is the volumetric flow rate at the inlet to the valve and Q1 is the volumetric flow rate 

immediately after the valve.  Assuming the temperature increase to be negligible across the 

valve, the velocity at the inlet can be expressed by the equation below 
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where Ainlet is the cross sectional area of the piping leading to the valve.  The term Q1 divided by 

A inlet will be considered the rated velocity, Vr.  With much rearrangement, the inlet velocity can 

be represented in terms of Vr by the following equation 
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With an equation to calculate the reduced velocity through the valve, the reduction in flow rate 

through the modulation zone of the air compressor can be calculated.  The system pressure is the 

dictating factor in determining the position of the valve (ɗ), so that the flow can be modulated 

according to system flow requirements.  The following equation ultimately dictates the flow 

required by the compressor by adjusting the valve position in response to the system pressureôs 

distance between the pressure control points 
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 (3.40) 

where Psys is the system pressure, Pmin is the minimum pressure control point, Pmax is the 

maximum pressure control point, ɗmax is the maximum value of the valve position in degrees, and 

ɗmin is the minimum value of the valve position in degrees.   

 

Lastly, the blowdown function is considered.  Although not one of the four primary 

functions of the compressor model, the blowdown function provides important feedback to the 

compressorôs operation on the status of the unloading process.  It is essential in determining the 

energy performance of a compressor for the duration of the unloading state.  The Department of 

Energy Compressed Air Sourcebook for Industry (2003) provides thorough explanation of 

blowdown time.   
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The rate at which blowdown occurs in the air compressor gradually 

slows as the pressure is reduced.  The fully unloaded power is not 

realized until the pressure in the lubricant sump/separator is fully 

relieved.  In many cases, the system pressure will fall and the 

compressor will reload before the fully unloaded power is realized.  

 

The blowdown time becomes a function of the blowdown time and compressor flow control 

value of the previous compression state as seen below. 

 ))(),(()( tMtBttB =D+   (3.41) 

The blowdown time returns values of 0 when the compressor is in the loaded or modulation 

position and returns the time-state (seconds) for the blowdown during the unloading process.  

The blowdown function simply adds the time of the previous blowdown state, B(t), to a ȹt in 

order to determine the blowdown at B(t+ȹt).  If the blowdown function reaches the value of the 

blowdown time, an input to the model, before the pressure in the system drops below the 

minimum system pressure, the blowdown returns a value of zero.  If the system pressure drops 

below the minimum set point before completing its full blowdown time, the blowdown value 

gets reset to zero. 

 

3.5 Model Summary 

 

The primary functions described above are used as the main tools for simulating 

compressed air systems through the model.  These functions define the key parameters and 

inputs necessary to the calculations within the model.  While not all of the parameters are 

computed outright in the model, the study of the relationships between the key parameters in the 

model provides valuable understanding of the fundamentals for a thermodynamics based 
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approach to compressed air systems.  The next chapter describes the implementation of the 

primary functions and required inputs to perform compressed air system simulation. 
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4. SYSTEM SIMULATION 

 

4.1 Introduction to System Simulation 

 

Simulating a compressed air system with a model requires a dynamic evaluation of the 

fluid and thermodynamic performance of the many significant components of a compressed air 

system.  Each significant component of a compressed air system is designed from detailed 

specifications to provide maximum performance.  Because the intent of this model is to 

accurately estimate compressed air system performance from basic system data, valid 

assumptions must be made to simplify the analysis of each component.   

 

The mechanism of the compressed air system model utilizes four primary equations 

solved at an instantaneous point in time to demonstrate compressed air system behavior.  These 

four equations are chosen because of their representation of the intertwining relationships used 

for determining the overall performance of an air compressor.  The output provided by each 

equation demonstrates the current state of the air compressor and the system at the solved 

instantaneous point in time.  Because real compressor performance is largely dependent upon 

operating controls, the modeling equations are constructed to allow for three different 

compressor control types. 

 

Among the many model design considerations, the selection of a host software program 

for simulating these compressed air systems was essential.  Microsoft Excel was chosen as the 

platform for the compressed air system model because of its ubiquitous nature, visual basic 

editor resources, and graph generation capabilities.  The model was designed to mimic the user 

friendly interface and useful output simulated by other industrial equipment evaluation software 
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such as AIRMaster and MotorMaster.  However, Microsoft Excel provides a less than optimum 

platform for integration of first order ordinary differential equations.  Obviously, ideal software 

would provide all of the desired computational capabilities in conjunction with the benefits 

already presented by Microsoft Excel. 

4.2 Compressor Model 

 

The compressor model is presented as an assimilation of the four primary modeling 

equations developed in Chapter 3.  These four equations rely on the input of basic nameplate 

data as well as observed demand airflow data at each recorded time interval to compute the 

modelôs outputs.  These four equations are solved at each time interval to determine the pressure 

in the compressed air system (P_system), the compressed air flow supply to the system 

(V_dot_supply), the work performed by the air compressor (w_dot_comp), and the mode of 

operation of the air compressor (flow_control).  These four equations correspond directly to the 

four primary equations derived previously in Chapter 3.  They are established in Visual Basic 

computer code as ñuser-definedò functions, so that they can be easily called from a Microsoft 

Excel spreadsheet.  Once the nameplate, system, and airflow demand data is input into the 

Microsoft Excel model, the simulation runs by utilizing the line-by-line computation of 

Microsoft Excel to integrate the four differential equations.  The outputs can be used for 

observation of compressor operation at a particular time step as well as for graph generation to 

visualize the compressor operation and its interactive effects on system parameters.  The 

following flow chart details the step by step modeling process from entry of basic nameplate data 

to entry of logged or assumed compressed air demand data and finally to outputs of the 

computed results.   
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Figure 27. Compressor modeling steps flow chart. 

 

4.2.1 Chosen Modeling Software 

 

A diverse assortment of computational tools have been developed to assist with 

compressor system simulation.  These software packages, which perform the computational 

problem solving, are often commercially available.  When using a software tool as the computing 

power to run a simulation, investigation and consideration of the desired needs of the modeling 

parameters requires much stipulation before the ultimate software selection is made.  Suitable 

simulation software should provide an atmosphere for easy entry of data, user-friendly 

interaction, integrated adaptability, intuitive controls, chart generating capabilities, ideal 

calculation structure, and wide availability.  Microsoft Excel was chosen as the platform for the 

compressed air system simulation because of its ubiquitous nature, ease of use, visual analysis 

tools, programmability, and spreadsheet functionality.  Of key importance to the selection of 

Microsoft Excel as the model platform is the versatile programming resource, Visual Basic, 

Setup 

ωInput system and nameplate data 

ωInput recorded airflow data 

Simulation 

ωInitialize compressor 

ωCall user-defined functions from spreadsheet 

ωCalculate four modeling functions (line-by-line) 

Results 

ωSystem output 

ωGraph generation 
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working in conjunction with Microsoft Excel.  Huguet (2008) makes the point, from his Visual 

Basic experience, that ñThe Microsoft Visual Basic editor provides the programming tools 

needed to develop problem-solving algorithms.ò  Microsoft Excel also acts as a great medium for 

importing, manipulating, and exporting logged data.  Huguet (2008) again testifies to Microsoft 

Excelôs versatility:  ñMost importantly, the Microsoft Office Package is a virtually universal PC 

application allowing the developed tools to be used in classrooms, labs, and home officeséò  

Microsoft Excelôs effectiveness as a technical calculator makes it a suitable software for use by 

engineers and simulators.        

4.2.2 Inputs 

  

The compressed air system simulation model is built to allow for easy entry of 

parameters necessary to the performance calculation for a compressed air system.  The purpose 

of this design was to allow a user with technical, but not advanced, compressed air knowledge to 

be able to accurately simulate a compressed air system using limited inputs acquired through 

manufacturerôs data or basic field testing.  In order to do that, the model is constructed with little 

emphasis on air compressor design specifications and with more emphasis on basic performance 

parameters. 

 

The required inputs of the model include the rated full flow of the air compressor, the 

rated full flow pressure, the inlet conditions of the air supply, the air inlet piping diameter, the 

compressed air system volume, the pressure control range, the unloading controls, and the 

integration time step.  These inputs are shown in the table below with the corresponding required 

units. 
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Table 5. Required inputs for compressor model. 

 

 

 

The inputs for the inlet conditions of the air supply require atmospheric air pressure and the 

ambient temperature.  The air inlet piping diameter is used for calculations for a compressor with 

unloading and modulation with unloading controls as discussed in Chapter 3.  The unloading 

controls include the amount of time required for the compressor to unload, also named 

blowdown, as well as the unload point.  The unload point is the transition stage where the 

compressor switches from modulation mode to unload mode as a function of the percentage of 

full flow capacity for this occurrence.  The unload point, as described in Chapter 3, is used only 

for modulation with unloading controls.  Since all of these required inputs are used throughout 

the compressor modeling functions, the user control screen named ñSystem Parametersò was 

constructed to allow for entry of these calculation factors.  Therefore, the user only has to input 

Rated Full Flow acfm

Rated Full Flow Pressure psig

Isentropic Efficiency ɖ

Dynamic Work % of full load power

Atmospheric Pressure psia

Ambient Temperature F

Air Inlet Piping Diameter inches

System Information

System Volume ft
3

Start Pressure psig

Stop Pressure psig

Unload Time seconds

Unload Point % of full flow capacity

Data Information

Time Interval of Data seconds

Inlet Conditions

Compressed Air System Controls

Compressor Nameplate 
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these parameters one time in the compressor model so that they can be publicly used throughout 

the visual basic code.  A screenshot of the ñSystem Parametersò worksheet within the model is 

provided below, where the inputs must be provided in the appropriate units shown. 

 

Figure 28. System parameters input screen. 

 

The ñInitialize Compressorò (green button) is a model feature that ties the user form on the 

spreadsheet to a function within the Visual Basic code.  When the ñInitialize Compressorò button 

is clicked, Visual Basic is prompted to attain the necessary system parameters from the ñSystem 

Parametersò worksheet.  This function can also be run from any worksheet in the compressed air 
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system model by typing ñ=Initialize_Compressor()ò in any cell followed by the return button on 

the keyboard.  This visual basic code obtains the basic nameplate data and system parameters 

from the model by retrieving the values in the populated cells on the ñSystem Parametersò 

worksheet.  By running this Initialize_Compressor function, the model is readied for simulation 

by establishing the system operating boundaries.    The visual basic code for the Initialize_ 

Compressor function is seen below. 

 

Figure 29. Visual Basic code for Initialize_Compressor function. 

 

The purpose of the Initialize_Compressor function is to set the values of variables 

required by the compressed air system model.  As can be noted from the Visual Basic code, 

some of the values of these variables are established inside this function and others are 

established by finding the range value of the particular cell on the ñSystem Parametersò 

worksheet.   
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The final piece of required input to the compressed air model is the recorded (observed) 

data of the compressed air system.  The model is constructed to utilize data for the compressed 

air demand (cfm) in a system.  This data is input to the compressed air system model by 

establishing the time interval of the recorded data and entering in the corresponding airflow data 

for the modeled system.  The screenshot below shows the highlighted columns of time interval 

and airflow demand in the compressed air model. 

 

Figure 30. Compressor model inputs for time (seconds) and airflow demand (cfm). 

 

Columns A and D on the spreadsheet screenshot above show the inputs for time in units of 

seconds and demand airflow in units of cubic feet per minute.  For this particular system, the 

data was recorded every 0.5 second and the airflow demand was a constant 100 cfm.  After all of 

the input data has been entered into the compressor model, the user then calls the four 

compressor modeling functions from the spreadsheet to simulate the compressed air system.  

Additionally, the initial system pressure and the initial compressor flow control need to be 

provided in the first row of calculations.  After the first row of outputs has been calculated, these 
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values from the compressor model serve as the inputs for the next row of line by line calculations 

along with the compressed air demand. 

4.2.3 Outputs 

 

The compressed air system simulation is constructed to provide useful output for each 

time interval such as the compressor state (flow control), the compressed air supply, the 

compression work, the system pressure, and the blowdown status.  These outputs are generated 

by the input of the necessary parameters described in the previous section and the function calls 

for the four primary modeling functions.  The output is generated for every time interval of data 

as long as the necessary inputs are provided.  A sample output from a compressed air system 

operating under a start-stop control method is provided below. 

 

Figure 31. Compressor model simulation under start-stop controls. 

 

From the image above, columns A through F in the Excel spreadsheet serve as the inputs for the 

four compressor modeling functions.  The outputs are the values generated in the columns G 

through L.  These outputs show that the pressure in the system slowly rises as a result of the 
































































































